Internal cooling is one of the effective techniques to cool turbine blades from inside. This internal cooling is achieved by pumping a relatively cold fluid through the internal-cooling channels. These channels are fed through short channels placed at the root of the turbine blade, usually called entrance region channels. The entrance region at the root of the turbine blade usually has a different geometry than the internal-cooling channel of the blade. This study investigates numerically the fluid flow and heat transfer in one-pass smooth isothermally heated channel using the RNG k − ε model. The effect of Reynolds number on the flow and heat transfer characteristics has been studied for two mass flow rate ratios (1/1 and 1/2) for the same cooling channel. The Reynolds number was varied between 10 000 and 50 000. The study has shown that the cooling channel goes through hydrodynamic and thermal development which necessitates a detailed flow and heat transfer study to evaluate the pressure drop and heat transfer rates. For the case of unbalanced mass flow rate ratio, a maximum difference of 8.9% in the heat transfer rate between the top and bottom surfaces occurs at Re = 10 000 while the total heat transfer rate from both surfaces is the same for the balanced mass flow rate case. The effect of temperature-dependent property variation showed a small change in the heat transfer rates when all properties were allowed to vary with temperature. However, individual effects can be significant such as the effect of density variation, which resulted in as much as 9.6% reduction in the heat transfer rate.
INTRODUCTION
To increase the gas turbine cycle efficiency, it is necessary to adopt internal air cooling channels to reduce the effects of high-temperature path coming from combustor. Internalcooling channels are extremely complex and Figure 1 illustrates this point for modern rotor blade. These channels are supplied by air through short channels located at the root of the turbine blade called entrance channels. The crosssectional geometry of the entrance channels is usually different than the cross-sectional geometry of the cooling channels. As a result, the coolant air is not thermally and hydrodynamically fully developed. Most of the studies which have been conducted experimentally or numerically neglected this fact and considered the entrance channels at the root of the turbine blade, and the internal-cooling channels have exactly the same cross-sectional geometry, which is not a true situation in the real design of internal-cooling channels.
Numerous studies have been carried out on turbulent flow and heat transfer in the cooling channels. Han [1] studied the effect of Reynolds number on the centerline heat transfer coefficient of a square channel, two rectangular channels, and two rib spacings. The heat transfer distribution was presented by Nusselt number ratio with several Reynolds numbers, and they showed similar trends except that the Nusselt number ratios decreased slightly with increasing Reynolds numbers.
Han et al. [2] performed a study of the effect of the rib angle on heat transfer distributions and pressure drop in a stationary square channel with two opposite inline ribbed walls. These studies showed that the 60
• and 45
• V-shaped ribs perform better than the 60
• parallel ribs. It was also concluded that the V-shaped ribs outperform the 60
• crossed ribs as well as the 90 • ribs. Han and Zhang [3] conducted experiments to study the broken parallel V-shaped ribs. The results showed that for all ribs, the Nusselt ratio decreases and friction factor ratio increases with increasing Reynolds number. The results also showed that the ribbed-side Nusselt number ratios for 60
• and 45 • parallel broken ribs or V-shaped broken ribs are much higher than the corresponding 60
• and 45 • parallel continuous ribs or V-shaped continuous ribs.
Han et al. [4] studied the influence of surface heat flux ratio on heat transfer. Different parallel, crossed, and Vshaped ribs were used. Six different wall heat flux ratios were studied. The results showed that the effect of wall heat flux on the heat transfer performance decreases with increasing Reynolds numbers. The heat transfer performance of 60
• Vshaped ribs is higher than the 60
• parallel ribs, 60
• crossed ribs, and 90
• ribs, regardless of the wall heat flux ratio. Park et al. [5] studied the heat transfer distribution and pressure drop in five straight rectangular channels of different aspect ratios. The results showed that for 60
• ribs, the heat transfer augmentations do not vary significantly, but the pressure drop penalties increase dramatically from 2 to 8 folds when the channel aspect ratio changes from narrow to wide (1/4 to 4). Similar results are observed for 45
• and 90
• ribs. Taslim and Lengkong [6] studied the heat transfer coefficient in a channel with high blockage staggered rib spacing of 5 rib heights showing the highest heat transfer coefficient distribution in the group. Taslim and Lengkong [7] studied the staggered 45
• ribs with smaller blockage ratio. The results revealed that the heat transfer coefficients are higher than 90
• ribs of similar arrangement.
Chandra and Cook [8] studied the effects of the number of ribbed walls on heat transfer and friction characteristics in a square channel. The results showed that the heat transfer coefficient and the pressure drop increase with an increase in the number of ribbed walls. This increase in the heat transfer coefficient is noted in both the smooth and ribbed walls. The smooth wall shows an increase of about 13% in heat transfer coefficient for additional ribbed surface, whereas the ribbed surface showed about 10% increase in the heat transfer coefficient with additional ribbed surface.
Chandra et al. [9] studied the effect of ribbed walls on a rectangular channel. Similar to their square channel configuration, they varied the number of ribbed walls. They noticed that the ribbed-side heat transfer shows a better performance when only one of the wider sides is rib roughened compared to when both short sides are rib roughened. Also, they presented the G and R correlation for these partially ribbed channels.
Taslim et al. [10] measured heat transfer coefficient and friction factors in partially ribbed channels. A liquid-crystal technique was used, and channel cross-sections were selected to represent the mid-chord section of an airfoil. The results showed that the addition of partial ribs significantly improved the heat transfer from the major heat transfer surfaces. Addition of partial ribs increased average wall heat transfer coefficients by about 40%.
Kukreja et al. [11] published detailed measurements in the inter-rib region of adjacent ribs to analyze the process of separation and reattachment in detail. They used naphthalene sublimation technique and used both 90
• transverse ribs and parallel V-shaped continuous ribs. The reattachment of flow past ribs was clearly identified by this work.
Acharya et al. [12] reported detailed measurement of velocity, temperature, and heat transfer in both ribs placed at a 45
• angle for different rib spacing. The results showed the effect of developed and periodically developed regions of a ribbed channel.
Abuaf and Kercher [13] studied heat transfer and turbulence in turbulent cooling detailed heat transfer coefficients. They used a model built with Plexiglas magnified 10 times to measure the detailed heat transfer coefficients by using liquid-crystal technique. Averaged axial turbulence intensities were also measured with a hot-wire anemometer.
Rau et al. [14] presented detailed heat transfer coefficients in the inter-rib region and smooth sidewalls. The results showed that the heat transfer enhancement for the two ribbed sides is higher than that for the single ribbed side. The flow is symmetric in the two-rib configuration.
All the above-mentioned studies treated the entrance channel at the root of the turbine blade as a straight channel with the same cross-sectional geometry as the internalcooling channel to make the flow entering the cooling channel hydrodynamically fully developed. However, the typical Entrance channel with insulated wallṡ entrance cross-sectional geometry of the channel at the root of the turbine blade has a different cross-sectional geometry than that of the internal-cooling channel. This may cause complex flow behavior. Therefore, it is essential to model realistically the entrance area in order to correctly predict the temperature field and help avoid steep temperature gradients in the skin of the turbine blade, which initiates thermal stresses and shortens the turbine blade life. The objective of this paper is to study the effect of changing the Reynolds number on the fluid flow and heat transfer in a one-pass, smooth, and isothermally heated channel that is fed through a two-short-channel entrance of different cross-sectional geometry. This type of problem arises not only in turbomachinery applications but also in other applications such as electronic cooling as well as air-conditioning applications. The main part of the study addresses the effect of changing the Reynolds number on the fluid flow and heat transfer inside the cooling channel. At the end of paper, the effect of property variations with temperature is also considered.
PROBLEM FORMULATION AND MODEL
When looking into many turbine blade designs that are available in the open literature, a common design feature prevails. As shown in Figure 2 , a wide entrance channel at the root of the blade is divided into two passages by a short divider to allow the coming flow from both passages to mix before entering into the cooling channel. The length and thickness of this divider vary according to turbine blade design. The anticipation from this design is to strengthen the blade structure and streamline the flow.
The important geometrical parameters of the cooling channel (see Figure 2 ) include the length of the entrance region L e , the width of the entrance region W e , the mixing area length D, the heated channel length L, and the width of the heated channel W. Based on typical medium-size turbine blades, the values given to these parameters in this study are L e = 9.5 cm, W e = 4 cm, 1.1 cm ≤ D ≤ 3.1 cm, L = 10 cm, and W = 1 cm. These are kept unchanged in this study.
The important operating parameters include the mass flow rate per channel depth in upper passage (leg)ṁ 1 , the mass flow rate per channel depth in lower passage (leg)ṁ 2 , their ratioṁ r , the heated surface temperature T s , the inlet fluid temperature T in , and the thermophysical properties of the cooling fluid. The parameters give rise to the Reynolds number Re (expressed in terms of the total mass flow ratė m 1 +ṁ 1 ) and a Prandtl number Pr.
This paper presents the effect of changing the Reynolds number on the flow and heat transfer characteristics inside an isothermally heated channel. Although in reality turbine blade cooling channels are neither heated isothermally nor with a constant heat flux, this assumption follows most of the published numerical work to facilitate a systematic analysis of the problem.
CFD computations have been undertaken to solve the incompressible, two-dimensional Navier-Stokes equations with an RNG k − ε turbulence model for a practical range of Reynolds number. The time-averaged mass, momentum, and energy conservation equations can be written in vector form (2000) as follows. (i) Continuity:
(ii) Momentum:
(iii) Energy:
whereV is the time-averaged velocity vector, v i represents the velocity component in the ith direction, and F i represents the source term for the momentum transport equation in the ith direction. The effective viscosity µ eff includes the molecular viscosity µ and the turbulent eddy viscosity µ t , hence µ eff = µ + µ t . S h is the source term for the energy equation, and the effective diffusion coefficient is given by α eff = (µ/ Pr) + (µ t / Pr t ), where Pr = 0.7 and Pr t = 0.85 are the molecular and turbulent Prandtl numbers, respectively. The solution of the two-dimensional, steady-flow, and energy equations (1), (2) , and (3) defined above is obtained by prescribing the following boundary conditions. At all the walls, the no-slip boundary condition is taken (v i = 0, i = 1, 2). At the inlet of the entrance region (x = −L e ), a uniform velocity profile is assumed for both legs. At the exit of the channel (x = L), the flow is assumed to be fully developed. This was later verified to be an acceptable assumption. The active part of the channel is heated isothermally at a temperature T s (for 0 ≤ x ≤ L, y = 0 and y = W, and T = T s ). The upper and lower walls of the entrance part of the channel as well as the dividing wall are considered insulated (∂T/∂n = 0). This assumption is taken because our main focus is on the active part of the cooling channel. It may be further argued that the heat transfer rates at the root of the blade (entrance region) are much smaller that the heat transfer rates in the active part of the cooling channel. The RNG k − ε turbulence model was used in this study (Choudhury [15] ). This model is derived using the renormalized group theory and is based on the standard k − ε model resulting in fewer turbulence parameter constants. It has shown better accuracy and more agreement with experimental results especially flows with recirculation zones.
In the first part of the study, it is assumed that all thermophysical properties are constants. Because of the relatively large temperature difference, it is expected that these properties will vary with temperature. To check the validity of the above assumption, we allow the properties to vary with temperature in the second part of the study.
RESULTS AND DISCUSSION

Effect of Reynolds number (Re) variation
In order to evaluate the heat transfer characteristics in the cooling channel immediately after the entry region, two cases were chosen based on a previous study done by the authors (Al-Hadhrami and Ben-Mansour [16] ). The first case has a mass flow rate ratio of 1/1 (ṁ r = 1/1) and mixing length ratio of L r = 1.1. This case has been shown to have the highest heat transfer among the cases analyzed. The case is referred to as case 4 in Table 1 . The second base case, referred to as case 5 in Table 1 , has L r = 1.1 butṁ r = 1/2. For both cases 4 and 5, the Reynolds number was varied form 10 000 to 50 000 resulting in a total of 12 cases as tabulated in Table 1 . This range of Re is chosen based on practical turbomachinery applications. 
Balanced mass ratio entry:ṁ
The hydrodynamic development in the cooling channel is shown in Figure 3 . The axial velocity profiles show that the flow is in a developing stage. The same conclusion can be derived from the wall shear stress depicted in Figure 4 . For the high Re value of 50 000, the axial velocity profiles are shown in Figure 5 and the wall shear stress distribution is given in Figure 4 . Again at Re = 50 000, the flow is in development over the entire length of the cooling channel. For generality, all results are shown in nondimensional form where X = x/L, and Y = y/W are the nondimensional streamwise and spanwise coordinates, respectively. Comparing the velocity profiles for cases 10 and 14 having Re = 10 4 and 5 × 10 4 , respectively, it is noted that in both cases the velocity at the inlet is mainly flat except in the centerline where there is a dip due the stagnation region created by the divider. This dip is more pronounced for the lower Re. As the flow proceeds in the channel, the profile becomes flatter. However, for the low Re of 10 4 , the exit profile is almost parabolic with only 10% flat profile around the centerline. For Re = 5 × 10 4 , the exit profile is flat for almost 35%. In terms of shear stress, it is noted that case 10 has a local maximum at x = 0.1. This can be either due to the velocity gradients or the effective viscosity. It turns out that the effective viscosity is the main cause as seen in Figure 6 . For this case, the effective viscosity has also a local maximum due to relatively high turbulent mixing at that location. The trend disappears for higher Reynolds numbers.
The temperature profiles at the same sections are shown in Figures 7 and 8 for cases 10 and 14, respectively. When comparing both figures, it is noted that the thermal development is slower for the lower Re. Furthermore, the thermal development is still occurring for both cases. The nondimensional heat flux at the bottom (or top) wall for both cases is depicted in Figure 9 . The heat flux profiles are highly indicative of a developing thermal boundary layer. Since these fluxes have been nondimensionalized with respect to the maximum enthalpy rate, then a smaller capacity rate results in higher specific heat flux.
Hence, for cases 10 through 14, the velocity and temperature profiles show that the flow is both hydrodynamically and thermally developing in the cooling channel. This development is faster for higher Reynolds number. Since the model is only two dimensional, these conclusions may apply for a cooling channel with low aspect ratio. For channels with an aspect ratio closer to unity, a three-dimensional model is needed to evaluate the flow development. The heat transfer rate can be expressed in terms of the Nusselt number in order to generalize the results. The average Nusselt number Nu over the entire channel has been obtained using an LMTD analysis as follows:
where
with ∆T = T s − T. This method is justified because the channel is maintained at a constant surface temperature. The variation of Nusselt number variation with Reynolds number is shown in Figure 10 . The data have been fitted with a logarithmic profile as indicated in the figure with a least-square fit of almost 99.7%. Assuming a dependency on Pr 1/3 (which should be checked by studying the effect of Pr number), we get the following correlation for the average Nusselt number:
Unbalanced mass ratio entry:ṁ
In the following set of cases (15 to 19), the mass flow ratio iṡ m r = 1/2 where the mass flow rate entering the bottom part of the entry is twice as much as the mass flow rate entering the top part. This may be done in a practical way to produce different cooling rates for the top and bottom surfaces of the blade. At Re = 10 4 , the flow enters the cooling channel with a relatively flat but skewed profile with higher velocity in the bottom part of the channel as plotted in Figure 11 . This is mainly due to the larger mass flow rate pumped in the bottom part of the entry. As the flow progresses in the channel, the axial velocity profiles become almost parabolic and skewed towards the bottom. The flow is still developing hydrodynamically. The axial velocity profiles at the same locations for Re = 5 × 10 4 are shown in Figure 12 . In this case, the flow also enters the cooling channel with a relatively flat but skewed profile. As the flow progresses, it develops into a flat profile for about 35% of the channel height. The skewness due to the unbalanced mass flow rates is still clear. In both cases, the dip in the velocity profile at the channel inlet, which is produced by the divider, disappears at the outlet section.
The nondimensional temperature profiles at different axial location along the cooling channel for Re = 10 4 (case 15) and Re = 5 × 10 4 (case 19) are plotted in Figures 13 and  14 , respectively. Since the Prandtl number is close to unity (Pr = 0.71), the thermal development in the channel progresses at a similar but relatively slower rate in comparison with the hydrodynamic development. This can be seen as one compares the nondimensional profiles of velocity against the nondimensional profiles of temperature (e.g., Figure 11 versus Figure 13 or Figure 12 versus Figure 14) . The imbalance in flow rates produces a difference in the heat flux distribution between the bottom and top wall. A nondimensional heat flux is defined as
The distribution of q * along the bottom and top walls of the channel is shown in Figure 15 for cases 15 and 19. It is observed that the difference in heat flux (and the integrated heat rates) between the top and bottom walls diminishes as Re increases. In addition, it is noted that the profiles are flatter for higher Re indicating fuller development as Re increases. Finally, the average Nusselt number for all the cases simulated has been derived for the top and bottom walls following an LMTD analysis as done for the cases ofṁ r = 1/1 above. The resulting values of Nu are shown in Figure 16 . The percent difference between the top and bottom Nu is calculated and shown in Table 2 . The largest difference of 8.9% occurs at the lowest Re of 10 4 . The difference then decreases to 7.0% for Re = 5 × 10 4 .
Effect of property variation with temperature
The actual temperature range simulated varies between 294 K (inlet temperature) and 400 K (surface temperature). In this temperature range, the air density varies approximately 25%, the thermal conductivity varies about 30%, and the dynamic viscosity varies almost 26%. Hence, one should expect that the property variation would affect the flow and heat transfer characteristics. Hence, it would of interest to check the effect of temperature-varying properties. We consider case 4 (see Table 1 ) as the base case with constant air Three tests were simulated to study the effect of each property. In the first test, the effect of density variation with temperature was included by adopting the ideal gas law. To avoid computational difficulties, the effect of pressure variation is neglected. This resulted in a decrease of about 9.6% in the integrated heat transfer rate. In the second test in addition to adopting the ideal gas law, a piecewise linear fit of thermal conductivity with temperature is used. This resulted in an overall decrease of 3.8% with respect to the constant property case. In the third test, the effect of dynamic viscosity variation is introduced in the second test. A piecewise linear fit was used. The overall change resulted in a 1.67% with respect to the constant property case.
It can be concluded that the effect of properties variation with temperature on the heat transfer rate and other flow characteristics is small and hence the assumption of constant properties is valid within the conditions of the study.
CONCLUSIONS
The effect of Re on the flow and heat transfer characteristics has been studied for two mass flow rate ratios (1/1 and 1/2) for the same cooling channel. The Reynolds number was varied between 10 000 and 50 000, and 12 total cases were simulated using a two-dimensional approach with RNG k − ε turbulence model. The length of the channel L was taken 10 times its width W. Although, it may be customary to assume fully developed flow in engineering calculations, this simulation has shown that the cooling channel goes through hydrodynamic and thermal development which necessitates a detailed flow and heat transfer study to evaluate the pressure drop and heat transfer rates. Even though the flow is fully turbulent, it has been shown that the development is a function of Re. This may be due to the two-dimensional nature and need to be verified in a future study. The study has shown that for the unbalanced mass flow rate a maximum difference of 8.9% in the heat transfer rate between the top and bottom surfaces occurs at Re = 10 000. This difference drops down to 7% as Re is increased to 50 000. In addition, the total heat transfer rate from both surfaces is the same for the balanced mass flow rate case.
The effect of property variation with temperature has been incorporated in steps. First, the density ideal gas law has been implemented keeping other properties constant. This change has resulted in 9.6% decrease in heat transfer in comparison with constant property case. In the second stage, the thermal conductivity is taken as function of temperature resulting in an overall 3.6% decrease in heat transfer. This means that a temperature-dependent conductivity increases the heat transfer. Finally, a temperature-dependent viscosity is set, resulting in an overall heat transfer decrease of 1.6%. Again this means that a higher viscosity has resulted in an increase of heat transfer through the change of both velocity and temperature profiles.
